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Liquid cooling is an efficient way to remove heat fluxes with magnitudes up to 10,000 W/cm?. One lim-
itation of current single-phase microchannel heat sinks is the relatively low Nusselt number, due to lam-
inar flow. In this work, we experimentally investigate how to enhance the Nusselt number with the
introduction of segmented flow. The segmented flow pattern was created by the periodic injection of
air bubbles through a T-junction into water-filled channels. We designed a polycarbonate heat sink con-
sisting of an array of seven parallel microchannels each with a square cross-section 500 pm wide. We
show that segmented flow increases the Nusselt number of laminar flow by more than 100%, provided
the mass velocity of the liquid is within the range 330-2000 kg/m? s.

© 2010 Elsevier Ltd. All rights reserved.

1. Introduction

The concept of a microchannel heat sink was first introduced by
Tuckerman and Pease [1] for the purpose of electronic cooling. As
Fig. 1 shows, a microchannel heat sink is a device that removes
heat, Q, by fluid flowing in channels over a heated substrate (e.g.
a computer chip). Tuckerman and Pease optimized the dimensions
of the channels in terms of width and height for single-phase flow
of water under the constraint of maximum allowable pressure
drop and substrate surface temperature. They found that single-
phase water-cooling could remove up to 790 W/cm?. This heat flux
required a mass velocity, G, of 5700 kg/m? s and a pressure drop of
220 kPa. A similar optimization process was done by Upadhye and
Kandlikar [2], to minimize the pressure drop under the constraints
of a given heat flux and maximum substrate temperature. They
found that a water pressure drop below 10 kPa was sufficient to re-
move 100 W/cm? with an optimum channel geometry. One prob-
lem with single-phase flow heat transfer in microchannels is the
low Nusselt number obtained in laminar flow [3], on the order of
4. Methods for increasing the Nusselt number include: surface area
enhancement [4,5] by geometric obtrusions, tree-like bifurcating
channels [6], large aspect ratio channels [1,7], serpentine channels
to promote mixing and turbulence [8], short channels where the
entrance region dominates [9,10], nano-fluids [11,12], and two-
phase flow [4,7,13-17].

There is much interest in two-phase flow because the heat of
vaporization is very high. It has been shown [18] that flow boiling
can dissipate up to 10,000 W/cm? [13,16], which is 10 times more
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heat than single-phase flow. While flow boiling is attractive be-
cause it delivers high heat flux at the constant temperature of
the phase change, it can be difficult to control due to backflow
and instabilities. Investigation into controlling the instabilities
and backflow include the manufacturing of artificial nucleation
sites [19], and inlet restrictions [16,20,21]. A drawback of boiling
flow, where water is the working fluid, is that the saturation tem-
perature is higher than the operating temperature of most elec-
tronics; the proposed solution is to use refrigerants as working
fluids since the boiling temperature is lower than water. Refriger-
ants, however offer lower cooling capabilities due to a lower spe-
cific heat and heat of vaporization.

In this work, we investigate segmented flow as a way to en-
hance single-phase heat transfer with water in microchannels. Seg-
mented flow is a periodic pattern of non-condensable bubbles and
liquid slugs created at a T-junction by the injection of air in liquid-
filled microchannels. The bubbles are typically longer than the
channel diameter [22]. More details regarding the physics of the
bubble breakup can be found in [22-25]. Segmented flow [22,26]
has been widely used for chemical engineering applications where
it increases mass transfer [27-30]. It should accordingly increase
heat transfer, due to the same phenomenon of enhanced convec-
tion by recirculating wakes in the liquid slugs [29,31]. The pres-
ence of recirculating wakes requires surface tension to dominate
over gravity, which occurs when the Bond number pgd%/
0 <3.368 [22]. In the work of Kreutzer et al. [29], a finite-element
simulation was used to determine the liquid to solid mass transfer,
for the case of catalyst removal from a monolith wall. From this
work Kreutzer determined that the rate of mass transfer in the li-
quid slugs was 10 times the rate of laminar flow [29]. It has also
been shown that the presence of bubbles increases the pressure
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Nomenclature
A area (m?) w width (m)
B hydraulic coefficient
Ca capillary number (uU/o) Greek letters
c specific heat (J/kg K) o fin enhancement factor
C gas constant o aspect ratio
d hydraulic diameter (m) B temperature difference (°C)
f volumetric flow rate (m?/s) 5 film thickness (m)
fr friction factor € liquid fraction
G mass velocity (kg/m? s) n fin efficiency
h convection coefficient (W/m? K) 0 thermal resistance (K/W)
H height (m) u viscosity (Pa s)
k thermal conductivity (W/m K) p density (kg/m?)
K minor loss term o surface tension (N/m)
L length (m)
n number of bubbles Subscripts
N number of channels B bubble
p pressure (Pa) c channel
P perimeter (m) G gas
Pr Prandtl number (v/a) L liquid
Nu Nusselt number (hd/k) S surface
Re Reynolds number (pUd| ) seg segmented flow
Q heat flow (W) sin single-phase flow
q’ heat flux (W/m?) slug liquid slug
T temperature (°C) sub substrate
U velocity (m/s) w wall
1% volume (m?)
drop in the channel due to the Laplace pressure at the liquid gas 2. Theory

interface [27,29], a penalty that needs to be considered.

The presence of bubbles in the system presents an interesting
engineering challenge. It may be desired, for industrial applica-
tions, to have a closed loop system, where water from the outlet
is recirculated through a pump and a heat exchanger to the heat
sink inlet; this process might necessitate to remove the air bubbles
before the pump and re-inject air after the pump. Bubbles can in-
deed be removed from segmented flow by the addition of smaller
capillary tubes downstream which remove the bubbles due to the
difference in interfacial tension [32]. The use of a hydrophobic por-
ous membrane parallel to the channel has also been shown by our
group to effectively remove gas bubbles [33]. Further research
regarding the removal of the bubbles would be useful for commer-
cial implementation.
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Fig. 1. A microchannel heat sink in direct contact with a heated substrate (such as
an integrated circuit chip).

In this work, the 1D equivalent resistances method (Fig. 2) of
Tuckerman and Pease [1] is used to calculate the performance of
a micro heat sink (Fig. 1). In Fig. 2 the total thermal resistance 0,
is the ratio of AT = Tsmax — Tpin, the difference between the maxi-
mum heated substrate temperature and the fluid temperature at
the inlet, over the power dissipated, Q. The total thermal resis-
tance, Ororal = Onear + Oconvs 1S the sum of a heat resistance and a con-
vective resistance. The heat resistance in Eq. (1) is due to the
heating of the fluid as it passes through the heat sink; it depends
on volumetric flow rate f; and specific heat capacity of the fluid (c;).

Oheat = ]/(pLCLfL)~ (1)

Eq. (2) gives Ocony, Which is the resistance of the coolant fluid to heat
convection. The expression for 0.y, is derived in [1] by treating the
rectangular walls of a micro heat sink as fins with adiabatic bound-
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Fig. 2. Thermal resistances and temperature profile along the flow path for
constant heat flux conditions.
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ary conditions at their end, the fin efficiency # can be found by
1 = tan h(mH.)/mH,, where m = (Nuk;/(ksww,,))'/?, as given by [1].
In Eq. (2), L. is the channel length, w is the heat sink width, w, is
the channel width, w,, is the width between the channels, H, is
the channel height and o =2H/(w,, + w,) is the fin enhancement
factor.

Ocony = (2/kiNuL.w)(w, /o). (2)

From that modeling, the outlet temperature of the fluid and the
maximum temperature of the substrate surface can be found based
on the power dissipated Q and the inlet temperature of the fluid, as
shown in Egs. (3) and (4).

TL,out = (theat) + TL,inv (3)
TS.max = (Qgcanv) + TL.out- (4)

Several correlations are available for the Nusselt number and pres-
sure drop, as presented below. They will be used to correlate our
experiments for the respective single-phase and segmented flow
case.

For single-phase, laminar, fully developed flow in rectangular
channels with constant heat flux boundary conditions, Nu is calcu-
lated according to the correlation in Eq. (5) [3]:

Nugi, = 8.235(1 — 2.0421(ar") + 3.0853(")* — 2.4765(or")?
+1.0578(c")* — 0.1861(")?). (5)

The aspect ratio is characterized by a parameter o* = min(H,w)/
max(H,w). In the case of square channels where o* = 1, this correla-
tion yields Nu = 3.61. The Nusselt number of single-phase flow is
expected to increase at higher Re due to the increasing thermal en-
try length. When the thermal entry length is no longer negligible,
Nu can be found using a correlation by Lee and Garimella [10]. This
correlation is valid for rectangular channels of any aspect ratio, con-
stant heat flux boundary conditions, and laminar, hydrodynamically
developed flow. When the hydrodynamic entry region is no longer
negligible, correlations by Muzychka and Yovanovich [34] can be
used to find Nu. Their work is valid for Pr > 0.1, uniform heat flux
and constant surface temperature, and any channel cross-sections.

The pressure drop for single-phase flow is found using the Chur-
chill correlation valid for both laminar and turbulent flow [35], gi-
ven in Eq. (6), where d is the hydraulic diameter, K is the minor loss
term and U; is the liquid velocity.

Ap = p(4f Le/d +K)U7 /2. (6)

For segmented flow, Nu at constant heat flux was estimated with a
correlation established from detailed multiphase flow simulations
in cylindrical pipes by Lakehal et al. [28].

Nugeg = Nugi, + 0.022Pr**Re/> (7)

seg

In Eq. (7), Nug, is the Nusselt number for single-phase fully devel-
oped liquid flow, found with Eq. (5), Pr is based on the properties of
the liquid phase, and Reges = dp;Up/1-(Ls/(Lp + Lsiug)), Where Ug is
the bubble velocity and the definitions of Lg and Ly, are the respec-
tive length of the bubble and liquid slug, as shown in Fig. 3. Note
that this definition is equivalent to the Reynolds number proposed
in [28]. Eq. (7) is valid for well-defined gas bubbles when d is on the
order of mm, Pr>1, Resy, is on the order of 1000, and
300 K < (Ty)mean < 340 K. Multiphase flow simulations in [28] re-
vealed two mechanisms that increase Nu: the generation of the
bubbles and the circulation in the liquid slugs. As mentioned in Sec-
tion 1, a segmented flow with recirculating wakes can be generated
provided the Bond number pgd?/c < 3.368 [22,29] and the capillary
number Ca < 0.04 [29].

Other correlations for determining the Nusselt number of seg-
mented flow were examined. As mentioned in Section 1, Kreutzer
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Fig. 3. Definition of Lg, Lyyg, Leen, With values for segmented flow at G, = 670 kg/m?s.

et al. [29] obtained an expression for Nu from numerical
simulation in square channels. Kreutzer’s correlation is only valid
when there is full circulation in the slugs and was only verified
for Re < 300. Hetsroni et al. [36] conducted the first experimental
work on the heat transfer of gas-liquid flow in microchannel heat
sinks. They established correlations for the Nusselt number in tri-
angular channels, valid for negligible entry length and Re < 100. In
this work, we use the correlation of Lakehal et al. [28], which best
reflects our experimental conditions in terms of Re and Ca range,
flow patterns and entry length.

The pressure drop in segmented flow can be described with Eq.
(8)[27], where a pressure drop term across the bubbles is added to
the single-phase pressure drop for the liquid slugs. The pressure
drop depends on two measurable quantities: the number of bub-
bles in a channel, n, and slug length, Ly,s [27], as per Eq. (8).

Ap= n(#) [g (Lsg‘g) +C3)*(ca) . 8)

For square channels the hydraulic coefficient, B=56.91, is used as
well as C=2.39, as determined by [37]. The capillary number, Ca,
is determined by the bubble velocity [29,31,38].

Ca=Upy,/o. 9)

Parameters in Egs. (7)-(9), such as Lug, Lg and Us, are available from
high-speed visualizations in our experiments so that the experi-
mental values of pressure drop and Nu can be compared with the
correlations.

We also used Eqgs. (7)-(9) to design the microchannel heat sink.
In the design process, the bubble velocity is not known, and we
propose the following process to determine Ug from an assumed
water mass velocity G;. We first assume a liquid volume fraction,
£=0.5, and slug length Ly=0.001 m, which are representative of
our experiments as shown in Fig. 3. Assuming that the cross-sec-
tion of the bubble is constant along its length, the bubble velocity
is expressed by mass conservation [29-31].

UB/Uslug :AC/AB~ (10)

With the slug velocity defined as Us,g = G/ep, we obtain:
Us = A.GL/(AsEpy). (11)
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A, —| [—— 3/w=0.00332

Bubble shape in square channel
for Ca<0.04

Fig. 4. Cross-sectional view of a bubble in a square channel at low Ca [29], with
partitions for easier calculation of the area.

In Eq. (11) the only unknown parameter is the cross-sectional area
of the bubble, Ag, which can be found as follows. Fig. 4 shows the
typical cross-sectional shape of the bubble for Ca<0.04 [29].
Assuming a cross-section shape as in Fig. 4, with a thin, constant
film thickness 6 along the walls and a thicker film at the edges with
radius of curvature, r=(w, — 26)/4, the bubble area can be calcu-
lated by dividing the cross-section of the bubble into several contig-
uous subsections, as shown in Fig. 4, where 4A; = n(w. — 25)*/16,
4A, = (We — 26)?]2 and As = (w. — 25)%/4 and the total bubble area
is Ag =4A, +4A; + As. The film thickness § is a function of the capil-
lary number, Eq. (9), and is expressed by Egs. (12) and (13) using a
correlation based on the simulations of Hazel and Heil [38].

6 =0.00332w, for 0.001 < Ca < 0.04, (12)
0 = —.0423¢(~C/53092) _0.1018e(~<¥/03343) 1 0.1761 for Ca > 0.04. (13)

3. Design

A microchannel heat sink was designed in our laboratory to best
demonstrate how segmented flow can enhance Nu in comparison
with single-phase flow. Considering Fig. 2, the heat transfer
enhancement is most noticeable under two conditions: first, 0.,y
dominates over 0p.q;, and second, the flow regime is such that there
is a large difference between 0., for segmented and 0, for sin-
gle-phase flow. For design purposes, we have plotted Eqs. (1) and
(2) in Figs. 5-7 to show how the thermal resistances vary with li-
quid flow rate for typical channel diameters, with the same base
area, L =0.025 m and w = 0.0075 m and w,, = w,. The Ca transition
represents the point where Ca = 0.04, when the bubble cross-sec-
tion changes from the non-axisymmetric shape shown in Fig. 4
to a more circular cross-section, which results in a dramatic de-
crease of circulation in the slug [28,29,39]. The Re transition repre-
sents the change from laminar to turbulent flow for the liquid flow
rate. For 500 um wide channels, Fig. 5 shows that the Reynolds
number of the liquid flow must be greater than 60 in order to be
in a regime where 0,,, dominates over Opeq. Figs. 6 and 7 show
the thermal resistances plotted for different channel widths, with
the length remaining unchanged. For smaller geometries, such as
50 um, shown in Fig. 6, Opeq is the dominant resistance so that
changes in Nu would not significantly modify the surface temper-
ature, which is used to experimentally determine the Nusselt num-
ber. For larger widths, such as 2 mm, shown in Fig. 7, values of 0,
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Fig. 5. Thermal resistance plotted for a microchannel heat sink with seven parallel
500 pm channels, 25 mm in length.
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Fig. 6. Thermal resistances plotted for a microchannel heat sink with 70 parallel
50 pm channels, 25 mm in length.

are much higher than in the 500 um microchannel case, resulting
in a less efficient heat sink.

4. Experimental setup

The microchannel heat sink and heated substrate are shown in
Fig. 8. The heated substrate, made from aluminum, was designed to
provide uniform heat flow. Before the single-phase and segmented
flow measurements, a simple experiment was performed to quan-
tify the heat loss of the heated aluminum block through the insu-
lation, and verify that the surface temperature of the substrate can
be found using a linear interpolation of the thermocouple mea-
surements. The polycarbonate microchannnel heat sink was re-
moved, so that the top surface of the aluminum block is exposed
to air. The rest of the substrate is insulated with melamine foam
approximately 2 cm thick, as shown in Fig. 9. An infrared
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Fig. 7. Thermal resistances plotted for a mini channel heat sink with three parallel
2 mm channels, 25 mm in length.

pyrometer was used to measure the substrate temperature. Since
the emissivity of aluminum is very low, 0.05, the surface of alumi-
num was painted black so that the emissivity was in the range of

the pyrometer (a value of 0.95 was chosen). The natural convection
heat transfer h was obtained by a correlation specific to small
geometries and dependent on surface temperature, ranging from
15 to 25 W/m? K [40]. Five rows of three K-type thermocouples,
as shown in Fig. 8b, were used to determine the surface tempera-
ture and temperature gradient using linear extrapolation. The test
was run at five substrate temperatures: 50, 75, 90, 115, 150 °C. The
maximum heat loss through the insulation Q. (see equation in
Fig. 9) was found to be less than 1 W, which is negligible compared
to the 40 W heat flux we apply during measurements involving
fluid flow. The surface temperature was measured with a pyrome-
ter and was found to correspond within 0.5 °C to the surface tem-
peratures extrapolated from the set of five thermocouple
measurements perpendicular to the surface. The standard devia-
tion of the extrapolated values along the surface was less than
0.5 °C.

The microchannel heat sink (Fig. 8a) was milled from a polycar-
bonate slab, with a glass transition temperature of 150 °C, into se-
ven parallel square channels with respective length and width of
25 mm and 500 pm. Polycarbonate was used since it is transparent
and easy to manufacture. The heat sink was pressed on top of the
heated substrate and sealed with an O-ring. It was heated with a
constant power of 40 W and the water flow rate was varied from
238 to 3095 kg/m?s. Fig. 10 shows the experimental set up for
the single-phase and segmented flow experiments.

The heated substrate and microchannel heat sink were insu-
lated with melamine foam, as shown in Fig. 8c, with a typical loss

Melamine Foam

Glass cover
PDNS Seal
Microchannel Heat Sink
o [1 1111 [
Teflon Heated Substrate Teflon
| |

Melamine Foam

Fig. 8. (a) Microchannel heat sink with o-ring; (b) test setup with heated substrate showing thermocouple locations, with microchannel heat sink on top (all units are mm);

and (c) cross-sectional view of test section.
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Fig. 9. Set up for energy balance verification, with corresponding equations.
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Fig. 10. Graphical representation of experimental setup.

measured as less than 1 W. The water was pumped with a peristal-
tic pump, and the liquid mass velocity G; was found by measuring
the fluid volume at the outlet over time. Bubbles were generated
by injecting air through a slit at constant pressure using a Druck
DPI 530 pressure regulator. The pressure was varied depending
on G; to produce a liquid fraction close to 0.5. The pressure drop

along the channel was measured with a pressure transducer (Hon-
eywell, 15 psi/105.53 kPa, +0.087 psi/0.61 kPa uncertainty, 100 ps
response time). Thermocouples (Type K, 0.5 mm diameter, Omega,
100 ms response time, £0.5 °C uncertainty) recorded inlet and out-
let temperatures of the fluid, along with 15 measurements on the
substrate, as shown in Fig. 8b.

Table 1
Measured uncertainties.
Variable Maximum uncertainty absolute Maximum relative uncertainty Source
Pressure +0.61 kPa +32%, (5% typical, see Fig. 12) Manufacturers Specs (Honeywell)
Temperature 0.5 °C +2.2% Manufacturers Specs (Omega)
Heat flow 1w 2.5% Heat lost through insulation
Volumetric flow rate 0.2 mL/min 0.8% Resolution limit
Channel dimensions +5 um +1% Resolution limit
Nusselt number +0.504 +4% Uncertainty propagation [42] on Eq. (14)
G, (kg/m’s)
0 1000 2000 3000
22 —TT T T T —
20 |- | == Single Phase Fully developed (Shah and London 1973)
[ | nonnn Thermally Developing (Lee and Garimella 2006)
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N * Single Phase Experimental
16 L Segmented Flow Experimental
. - = Ca Transition (Ca = 0.04)
@ N L
£ 1l o
i i 4
- *
= - T 4 I
= 12 ) . -
3 o, Y . = -
RT] SR Vil ¢ 2 2
3 N ‘;.7 'Y -
= - 4 T =T
8 - x 1 - ? -
o e L -
B . oy IR 3
6 — #. - f.’ £
5 PR
it [
4l e
s oy
2 - L L L | I L L 1 L L 1 L L
0 500 1000 1500
Re,

Fig. 11. Theoretical and measured values of Nusselt number for single-phase and segmented flow versus the Reynolds number based on the mass velocity of water.



A.R. Betz, D. Attinger/ International Journal of Heat and Mass Transfer 53 (2010) 3683-3691 3689

Table 2

Visualization of four cases spanning three flow regimes with corresponding liquid mass velocity G;. The liquid fraction, ¢, can only be calculated precisely for slug flow using the
method described in Section 2. In case d the low picture quality is due to the faster flow and limited frame rate of our camera.

Case a b c d

Gy (kg/m?s) 238.08 380.95 1333.33 3095

Flow regime Bubbly Slug Slug Churn
Average Lz (mm) 0.34 1.16 1.04 1.08

Average Lg,g (mm) No slug 0.93 0.79 No slug

[ ~0.8-0.9 0.482 0.47 ~0.4-0.6
Increase in Ap (kPa) 9.81 Not measured

Not measured 2.26
Visualization -

5. Results and discussion

The convective heat transfer measurements were made using
the heat sink described in the previous section at constant heating
power of 40 W, and with water flow rates between 35 and 300 mL/
min, corresponding to water mass velocities G; of 300-3000 kg/
m? s and Re, from 160 to 1580, where Re; is defined as G;d/y; for
both single-phase and segmented flow. Neglecting the low thermal
losses through the insulation, as discussed in Section 4, the enthal-
py change of the fluid can be replaced by the power supplied by the
heater. An energy balance surrounding the channel provides the
convection coefficient, h:

. L
Oteater = (241He + wo)Nh / e, (14)
0

where g,  and N are the temperature difference between the sub-
strate and the fluid, the fin efficiency and the number of channels,
respectively [7]. Since the first and last row of the thermocouples
on the heated substrate correspond to the fluid inlet and outlet,
the integral is discretized along the fluid flow direction into four
sections using the trapezoidal rule.
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Fig. 12. Theoretical and measured values of pressure drop for single-phase and
segmented flow versus the Reynolds number based on the mass velocity of water.
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Table 3

Comparison of three modes of convective heat transfer.
Regime G (kg/m?s) q’ (W/cm?) Pressure drop (kPa) Nusselt
Single-phase (this work) 238-3095 21 1.9-28.5 3.4-10.7
Segmented flow (this work) 333-2857 21 4.58-41.2 5.8-12.6
Boiling flow [7,17] 135-402 25-130 0.5-20 10.1-22.9

L 4 ﬁ B
/ pdx=">" {Ax <—‘ + ﬂ)} where Ax = 0.00625 m. (15)
0 1

2 2

A linear interpolation of the fluid is used to find the fluid tempera-
ture at the three interior points between the inlet and outlet tem-
peratures, justified by the constant heat flux boundary conditions.
Eq. (14) can be rearranged to solve for h as a function of the five sur-
face temperatures and the inlet and outlet temperature of the fluid.

The Nusselt number is found from the heat transfer coefficient
by Nu = hd/k;, where k; = 0.64 W/K m is the fluid thermal conduc-
tivity. The maximum uncertainty of the Nusselt number is +4%
due to the propagation of uncertainties in the temperature, geom-
etry and thermal losses through the insulation. A summary of all
uncertainties and their sources can be found in Table 1. Major con-
tributors to the uncertainty are the thermocouple measurements
and the heat flow measurement. For example, at G, = 1140 kg/
m? s, the average temperature difference § is 20 °C with an uncer-
tainty of +0.5 °C, or +2.5%. Also, Section 4 shows that the uncer-
tainty of Onearer due to heat losses is less than 1W, ie. 2.5%.
Fig. 11 shows that segmented flow increases the dimensionless
heat transfer coefficient Nu up to 140% over single-phase flow,
for values of G; < 2000 kg/m? s, in very good agreement with the
numerically obtained correlation of [28]. For flow rates higher than
2000 kg/m? s (or Re; ~ 1000), the heat transfer enhancement due
to the segmented air bubble flow decreases quickly, and at
G. > 2500 kg/m? s (Re = 1200), the bubbles have no more influence
on the heat transfer process. Interestingly, this transition starts at
flow rates where the capillary number reaches the transition value
of 0.04 (shown by a vertical bar), and the flow visualizations in
Table 2 confirm a transition to churn flow. This might indicate that
segmented flow enhances heat transfer provided the film between
bubbles and wall does not become too thick, which would weaken
the recirculation wakes, as explained in Section 3 and in [24,29-
31]. As a side note, we were only able to produce segmented flow
for values of G, between 330 and 2850 kg/m? s. At lower G, values
segmented flow is replaced by bubbly flow (i.e. bubbles with diam-
eters smaller than the channel diameter), and at higher G; values a
churn flow appears (fast bubbles with thick films, Ca reaching 0.04
and above, no heat transfer enhancement), in agreement with the
data compiled by [22,41]. Visualization of these flow regimes can
be seen in Table 2. The increasing values of the Nusselt numbers
for single-phase flow at larger flow rates are very likely due to
the non-negligible thermal and hydrodynamic entry lengths. As
mentioned in Section 2 the correlations of Lee and Garimella [10]
can be used to calculate Nu for thermally developing flow. In our
experiments the thermal entry region accounts for 10% of the
channel length at Re=30. This correlation is only valid until
Re ~ 100, when the hydrodynamic entry becomes non-negligible.
For cases where both thermal and hydrodynamic entry length
are significant, the correlation of Muzychka and Yovanovich [34]
should be used. Predictions from this correlation agreed very well
with our experimental values for Re > 100 [34].

The penalty in pressure drop associated with segmented flow is
evaluated in Fig. 12, which shows that segmented flow exhibits
pressure drops higher than single-phase flow at the same pre-
scribed liquid mass velocity, as predicted by the correlations in
[27] . The segmented flow heat transfer enhancement scheme that
we present here would only be of interest if it provides a higher

Nusselt number than single-phase flow, for the same pressure
drop. This is verified in Fig. 13, for pressure drop values ranging
from 5 to 30 kPa, where the Nusselt number enhancement is about
50% using segmented flow rather than single-phase flow, for the
same amount of pressure drop. This heat transfer enhancement
is also seen with the lower measured substrate temperature shown
in Fig. 14. Incidentally, Fig. 14 confirms that the temperature vari-
ation along the substrate increases linearly: this was expected
since the fluid experiences a constant heat flux.

In Table 3, the pressure drop and Nusselt number of our seg-
mented flow experiments are compared to single-phase and evap-
orative flow measurements with similar flow rate and heat flux.
The flow boiling results are from the work of Qu and Mudawar
[7,17], produced by an aluminum microchannel heat sink with
21 channels and a hydraulic diameter of 348.8 um. Table 3 shows
that segmented flow provides Nusselt number values in a range
that is between single-phase and evaporative cooling.

6. Conclusion

Experiments and optimization studies have demonstrated that
segmented flow could enhance heat transfer by up to 140% in a
microchannel heat sink, in comparison with single-phase flow at
the same liquid flow rate. The Nusselt number was used to charac-
terize the improvement in heat transfer. Also, the pressure drop
penalty in implementing segmented flow was reasonable, in the
sense that, for the same values of pressure drop, segmented flow
delivers a higher Nusselt number than single-phase flow. We
determined that segmented flow would provide an intermediate
step between single-phase and boiling flow for the purpose of elec-
tronic cooling. Also, we measured that the heat transfer enhance-
ment only occurs for a specific range of flow rates and capillary
numbers. At lower or higher capillary numbers, we explain that
no significant heat transfer enhancement is observed because seg-
mented flow is replaced by bubbly or churn flow, respectively.
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